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RECIPROCATING AIR l'v:IICROCOMPRESSOR 
Mitsuru Fujiwara, Muroran Institute of Technology, Hokkaido, Japan 
Toshiharu Kazama, Muroran Institute of Technology, Hokkaido, Japan 
Yasuhiro Gunji, Toa Corporation, Kanagawa, Japan 
ABSTRACT 
This paper presents a reciprocating air 
microcompressor with a piston diameter of 1 mm. 
A microcompressor construction is proposed 
aiming at simple fabrication with lots of space for 
installing inlet and outlet ports. The inlet port of 
the microcompressor does not have a moving 
valve, while the outlet port is equipped with a 
miniature reed valve. The compression process 
was numerically modelled, considering the flow 
resistance across the inlet and outlet ports, and the 
leakage through the clearance between the piston 
and cylinder. The microcompressor was designed 
based on the numerical simulation. A stainless 
steel cylinder was fabricated with a wire- cut 
electric spark machine. A needle of a commercial 
rolling contact bearing was used for the piston. The 
microcompressor is equipped with a polyethylene 
film reed valve. A maximum discharge pressure of 
80 kPa (gage, 0.82 kgf/cm 2 ) was obtained at a 
frequency of 100 Hz, 
1. INTRODUCTION 
The modem · advances in microfabrication 
have provided great opportunities for achieving 
microrobots. A wide variety of microactuators have 
been proposed and tested 1 > • 
However, little attention have been paid to 
pneumatic systems for microactuators. Pneumatic 
systems are not a new concept, but, they do seem 
to be a suitable system for the microrobots. Air is 
in abundance and is essentially safe. Pneumatic 
microactuators permit a longer stroke and higher 
force compared with other actuators. 
A microcompressor must be designed before 
pneumatic systems can be applied to microrobots. 
Little work has been done on such small 
compressors. B~stgens et al 2 >. have succeeded 
in developing a micromembrane pump with an 
overall size of 7 mm x 10 mm. The pump 
discharges air of 220 ,u 1/min at a pressure of 13 
kPa (gage, 0.13 kgflcm 2 ). Nevertheless, higher 
pressure will be required to achieve the pneumatic 
microrobot. -
In this paper, we theoretically and 
experimentally test an air microcompressor capable 
of discharging about 100 kPa (gage, 1.02 kgflcm 2 ) 
of air. A reciprocating microcompressor is selected 
because of its simple construction and small 
leakage area compared with other types. A piston 
diameter of 1 mm is used here. 
A suitable construction for the 
rmcrocompressor is first proposed and its 
perlonnance 1s determined theoretically. A 
microcompressor is then designed, fabricated and 
tested. 
2. CONSTRUCTION OF THE 
MICROCOMPRESSOR 
The most important factor in the 
microcompressor perlormance will be the internal 
leakage. Hence, every clearance between relative 
moving parts must be kept as small as possible, 
ensuring normal operation of the mechanism. A 
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complex microcompressor construction should be calculation in the next section. 
rejected. We consider the best construction to be a 
reciprocating type composed of piston and cylinder. 
The second problem is how to mount the 
inlet and outlet valves to the cylinder. The cylinder 
is too small for these two valves to be installed. 
Figure 1 shows the microcompressor 
construction we have proposed. The inlet port is 
placed on the cylinder wall near the bottom and it 
does not have a moving valve. The port is closed 
when the piston covers it and is opened when the 
piston's top edge is below the top of the port 
contour. The time for which the port is open 
depends on the layout of the port. The outlet port 
has a reed valve and the port is placed on the head 
of the cylinder. The valve is opened and closed in 
response to the pressure in the cylinder. The 
advantages of this construction are simple 
fabrication and a lot of space for the port 
mountings. 
However, the problem is that pressure is 
reduced excessively during the expansion process, 
since the inlet opening time depends only on the 
piston position and is independent of the pressure. 
The excessive pressure reduction will cause power 
loss. The effects of the pressure reduction on the 






Fig. 1 Basic construction 
3. NUMERICAL STUDY OF PERFORMANCE 
In this section, the microcompressor 
perlormance is theoretically evaluated by numerical 
simulation. 
Much work has been done on numerically 
simulating the petformance of positive 
displacement compressors 
3 
> • We constructed a 
simplified model of cycle simulation by applying 
this work. Factors considered in the model are: 
(1) volume change due to piston movement; 
(2) air entering and leaving through the inlet port, 
the outlet port and the clearance between the 
piston and cylinder. 
The following assumptions are made to 
simplify the calculation: 
(1) air is an ideal gas; 
(2) pressure and temperature are homogeneous 
throughout the working space at any instant; 
(3) the outlet reed valve opens at a fully open area 
whenever the pressure in the working chamber 
exceeds the outlet chamber pressure. 
The valve dynamics are not taken into 
account here. The heat exchanges between air and 
parts are also neglected. The opening area of the 
inlet port is expressed as a function of piston 
position. The volume is assumed to sinusoidally 
change with time. 
Flows through the inlet and outlet ports are 
calculated with the orifice equation. The leakage 
flow rate through the radial clearance is calculated 
with the Grinnell's equation 4 > for a compressible 
isothermal laminar flow. 
The equations for calculating changes in the 
state of air are omitted here · for the sake of 
brevity. 
Changes in the state of air in the working 
chamber are calculated by a step-by- step 
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procedure. For example, calculation starts from the 
end of the suction process. The initial state of air 
is given to be the same as the suction state. The 
calculation is iterated until the cycle converges. 
The volumetric efficiency T) v and adiabatic 
efficiency TJ ad are obtained from the cycle 
simulation. T) v is defined as the ratio of the 
actually discharged gas volume rate under the 
suction condition to the piston displacement 
volume rate. TJ ad is defined as the ratio of the 
theoretical work required for the air of the actually 
discharged mass to the calculated work obtained 
from the simulation. The theoretical work 1s 
calculated under a reversible adiabatic process. 
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Fig. 2 A calculated P- V diagram 
Table 1 Values used for calculation 
(1) Piston diameter 
(2) Stroke 
(3) Pistnn length 
(4) Inlet port diameter 
(5) Outlet port diameter 
(6) Oscillating frequency 
(7) Radial clearance 
(8) Clearance volume 
ratio 
(9) Suction pressure 









0 kPa (gage) 
( 0 kgt'cnt) 
100 kPa (gage) 
(1.02 kgUcm2) 
P- V diagram where both pressure and volume are 
expressed as dimensionless terms. Vmax in the 
abscissa is the maximum volume during the- cycle. 
Input for the calculation are shown in Table 1. 
Point 1 in Figure 2 corresponds to the top 
dead center (T.D.C.). From this point, expansion 
occurs until the inlet port opens at Point 2. During 
this process, the pressure reduces to below the 
suction pressure. At Point 2, the inlet port is 
uncovered and air is induced. Consequently, the 
pressure rises up to the suction pressure. 
The pressure drops across the inlet and 
outlet ports are very small. This suggests that both 
port areas are large enough in this example. 
The efficiencies can be calculated from the 
simulation results. In the following calculation, the 
input parameters are basically the same as in Table 
1, except for those shown in each graph. 
Figure 3 shows the effects of radial clearance 
on volumetric and adiabatic efficiencies for various 
piston frequencies. Generally, the efficiencies 
increase as the piston frequency increases. This is 
a typical characteristic of leakage- dominant 
compressors. Both efficiencies become lower with 
the radial clearance increase. When the pistnn 
frequency is 100 Hz, the efficiency is zero at the 
clearance range over about 6 f.l m. Clearance 
,......, 100 (simulation) 
~ 
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-~ ~ 50 .... ----.~~ ......... l E il.l I .,.. ..,.. =100Hz 
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"""' !=50 Hz/' ••• > il.l o~~--_.--~--~~~~~~~-J 
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Fig. 3 Effect of radial clearance on efficiencies 
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control is clearly very important for this machine. 
Figure 4 shows the effects of the discharge 
pressure on the volumetric and adiabatic 
efficiencies. The volumetric efficiency decreases as 
the discharge pressure rises. The reduced 
efficiency is partly due to the increase in the 
leakage and partly due to the increase in residual 
gas in the clearance volume. The adiabatic 
efficiency for every piston frequency becomes 
lower in the low discharge pressure region. This 
reduced efficiency is caused by the relative 
increase of the work in expansion process. From 
these results, we can expect a discharge pressure 
of 100 kPa (gage, L02kg:flcm 2 ), if the piston is 
oscillated at a frequency of 100 Hz and !he radial 
clearance is kept below 5 /.1m. 
piston frequency!= 150 Hz 
/=100Hz 
0 20 40 60 80 100 
discharge pressure (kPa, gage) 
Fig. 4 Effect of discharge pressure on efficiencies 
We assumed that the piston and cylinder are 
concentric in the above calculations. The flow rate 
in the laminar flow through the annulus is well 
known to increase with the increase in the 
eccentricity ratio e . The flow rate at e = 1 is 2.5 
times as much as that with zero eccentricity, or 
e =0. However, the amount of e is d.i:fficult to 
establish in the actual microcompressor. We can 
not expect a perlonnance like that shown in the 
above figures, generally because eccentricity 
between the piston and cylinder exists during 
operation. 
An increased stroke is effective in improving 
the perlormance. Figure 5 shows the predicted 
efficiencies for a stroke of 3 mm and an 
eccentricity ratio of e = L Parameters not shown 
in the figure are the same as in Table 1, with the 
exception of the stroke. A pressure of 100 kPa 
(gage, 1.02 kgf/cm 2 ) can also be expected even if 
the eccentricity is the maximum in this case. 
0 2 4 6 
radial clearance ( JJ. m) 
Fig. 5 Efficiencies when piston eccentricity exists 
and the stroke is 3 mm 
4. DESIGN AND FABRICATION 
8 
Figure 6 shows the design and geometry of 
the microcompressor manufactured in this study. 
The piston is moved in the vertical direction. The 
stroke is set at 3 mm, taking the simulation results 
into account. 
Radial clearance between the piston and 
cylinder is very important in the· microcompressor 
as shown in the performance simulation. This 
needs to be as small as possible, but it is limited 
by the machining precision. 
A needle of a commercial rolling contact 
bearing is used as the piston. Its diameter is 1 mm 
and its length is 7.8 mm. The needle is produced 
to a high degree of precision. The maximum 
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For pressure gage 
Cylinder 
Fig. 6 Schematic view of the microcompressor 
deviation in the diameter of the piston used here is 
less than 1 f.L m according to measurements taken 
with a micrometer. The cylinder is made of 
stainless steel and is fabricated with a wire- cut 
electric spark machine. Taking the precision of the 
machine into account, the standard clearance is set 
at 5 /.L m. Table 2 shows the deviations in the 
actual diameters of the fabricated cylinder from the 
nominal value of 1 mm. measurements were taken 
at six points. The mean radial clearance from this 
data and the piston diameter is calculated as 
roughly 6 /.1.. m. This value is 1 /.1.. m higher than 
what was expected. 







The reed valve of the outlet port is made of 
polyethylene film 15- /.L m thick. The inlet port 
consists of four circular holes 0.3 mm in diameter. 
The position of the inlet port is determined in such 
a way that the full port areas are open just when 
the piston is at B.D.C .. 
5. TEST APPARATUS 
The microcompressor was tested using the 
apparatus shown in Figure 7. The oscillating 
frequency is changed by controlling the input 
voltage of the D.C. motor. The rate and volume of 
discharged air is determined by replacing the water 
in the measuring cylinder with the air. Thus 
volumetric efficiencies are detennined. The 







Reciprocating motion generator 
Fig. 7 Perlonnance test apparatus 
Table 3. Operating conditions 
(1) Piston frequency From 40 to 100 Hz 
(2) Suction temperature Room temperature 
293 K(68F) 
(3) Suction pressure Atmospheric 
From 0 to 100 kPa ( 4) Discharge pressure 
2 
(gage, 0 to 1.02 k~cm ) 
if attainable 
6. RESULT AND DISCUSSION 
Figure 8 shows the volumetric efficiencies of 
the microcompressor for various piston 
frequencies. The volumetric efficiency decreases as 
the discharge pressure rises, and it increases with 
increasing piston frequency. These results indicate 
that leakage is a dominating factor in this 
compressor. 
The maximum discharge pressure obtained in 
this test is 80 kPa (gage, 0.82 kg:t'cm
2
). The 
pressure of 100 kPa (gage, 1.02 kgttcm 2) predicted 
in the numerical simulation was not attained. The 
reason for this is not clear. However, this can be 
partly attributed to the sensitive relationship 
between radial clearance and pe:tformance. 
Obtaining practical agreement between the 
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Fig. 8 Experimental volumetric efficiencies for 
various piston frequencies 
we can not detennine the exact values of the radial 
clearance and the clearance volume during the 
operation, let alone the eccentricity of the piston 
with the cylinder. 
7. SUMMARY AND CONCLUSIONS 
We have theoretically and experimentally 
studied a reciprocating air microcompressor · in 
which the piston diameter is 1 mm. A 
microcompressor construction aimed at a simple 
fabrication and large port areas was proposed in 
which the inlet port does not have a moving valve 
and the outlet port is equipped with a miniature 
reed valve. The microcompressor pe:tformance was 
determined by a numerical model. The calculation 
results showed that a discharge pressure of 100 
kPa (gage, 1.02 kgttcm 2 ) is attained with the 
proposed construction, when the radial clearance 
between the piston and cylinder is kept at less 
than 5 f..lm. 
The microcompressor was fabricated and 
tested. A maximum pressure of 80 kPa (gage, 0.82 
kgflcm 2 ) was attained. 
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